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a b s t r a c t 

This paper presents the effect of heat exchanger design on heat pump performance based on partial 

load operating conditions. 3-D numerical analysis was conducted to calculate face velocity profiles for 

each outdoor heat exchanger design (rectangular, cylindrical, and trapezoidal) in 10 different operating 

conditions. Heat exchanger circuits were modified considering heat exchanger face velocity distributions, 

and seasonal heat pump performances were calculated with modified heat exchanger design. The maxi- 

mum seasonal performance enhancement of 7.07% was achieved with a modified heat exchanger design. 

Air-side flow maldistribution could affect significantly refrigerant path design and heat exchanger perfor- 

mance as well as system performance. The analysis results also revealed that smaller refrigerant circuits 

at the upper part of the heat exchanger interacting with higher air velocity could further enhance the 

annual system performance. 

© 2020 Elsevier Ltd. All rights reserved. 
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. Introduction 

Energy and environmental issues are critical problems due to

apid increases in energy systems around the world. The Interna-

ional Energy Agency has reported that energy systems such as

ir conditioning and heat pump systems account for almost 700

illion metric tons of CO 2 equivalent direct (7%–19%) and indirect

missions (74%) per year, which is responsible for global warming

nd ozone depletion. Direct emissions can be reduced by introduc-

ng low global warming potential (GWP) refrigerants, and indirect

missions can be controlled using a more efficient system [1] . 

The finned tube heat exchanger is widely used as a condenser

r evaporator of heat pump systems, and it is one of the most im-

ortant components of the systems and plays a significant role in

he system size and performance. Therefore, it is important to de-

ign more efficient, lightweight, cost-effective, and low power con-

uming finned tube heat exchangers [2,3] . 

Heat exchanger performance degradations are associated with

aldistribution of refrigerant and face air velocity distribution, par-

icularly for downstream rows as airflow velocity decreases signif-

cantly on the lower side [4] . Although it is difficult to measure

he air velocity profile experimentally [5] , it strongly influences

eat exchanger performance [6] . Non-uniform flow distribution has
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any disadvantages: produces wake in flow [7] , changes flow pat-

ern [8] , decreases overall heat transfer coefficient [9] , and reduces

ystem capacity [10] . Consequently, it also increases pressure drop

11] across the heat exchanger hence increases required pump-

ng power [12–15] . Performance deterioration due to non-uniform

ow is not limited to finned tube heat exchangers with louver fins

9] and plate fins [16,17] , but also occurs in concentric tube [14] ,

nd microchannel condensers of automotive air conditioning sys-

ems [18] . These examples highlighted the problem of non-uniform

ow distribution in different applications. However, these studies

re limited to rated load conditions for specific heat exchanger de-

ign. No study has been found in literature that covers face velocity

istribution for outdoor heat exchanger under partial load operat-

ng conditions. Therefore, it is important to evaluate face velocity

rofiles under off-design condition. 

Many techniques have been used by researchers to improve

ow distribution uniformity. Recently Saeed and Kim [19] proposed

o replace the zigzag pathway for printed circuit heat exchanger by

mooth sinusoidal path to reduce non-uniformity and hence im-

rove performance. Similarly, employing V- rather than A-shaped

ir-cooled condensers [20] , adjusting condenser coil included angle

21] , inclining heat exchanger relative to fan or increasing plenum

epth [22] , optimized header design [23] , and triangular-shaped

ir guide plates [24] can also improve uniformity and hence en-

ance heat exchanger performance. Although proposed modifica-

ions in literature are effective but limited to heat exchanger coil

djustment with respect to flow velocity. However, airflow profiles

https://doi.org/10.1016/j.ijheatmasstransfer.2020.119404
http://www.ScienceDirect.com
http://www.elsevier.com/locate/hmt
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Nomenclature 

A surface area, m 

2 

C p specific heat capacity, kJ/kg 

COP coefficient of performance 

EER energy efficiency ratio 

ε heat exchanger effectiveness 

elbu required capacity of an electric backup heater, kW 

F i fraction of total refrigerant mass flow rate flowing 

through i th circuit 

G i refrigerant mass flux for i th circuitry branch, kg/m 

2 s 

h heat transfer coefficient, W/m 

2 K 

H the number of hours the unit is considered to work 

in 

H ce equivalent cooling hours 

K p thermal conductivity of the tube, W/m K 

m mass flow rate, kg/s 

Pr Prandtl number 

P the electricity consumption, kW 

P design,c full load electricity consumption, kW 

Q heat transfer rate or reference annual demand, kW 

or kWh 

R flow resistance offered by a given branch leaving a 

split 

SEER seasonal energy efficiency ratio 

SCOP seasonal coefficient of performance 

TOL Temperature operating limit 

T temperature, °C or K 

T j corresponding temperature or bin temperature, K 

U overall heat transfer coefficient or turbulent veloc- 

ity, W/m 

2 K or m/s 

u max maximum velocity, m/s 

X p thickness of the tube wall, m 

Greek symbols 

� fin efficiency 

ω humidity ratio, (kg w 

/kg a,dry ) 

α i fgw 

( ω a – ω w 

)/(C pa (T a -T w 

)) 

μ dynamic viscosity, Ns/m 

2 

Subscript 

a air-side 

c cooling 

CK crankcase heater mode 

f fin 

h heating 

i inner side of the tube, inlet or i th 

j the bin number 

l liquid or latent 

m mean 

max maximum 

n the amount of bins 

o outer side of the tube 

OFF OFF mode 

r refrigerant side 

SB standby mode 

t tube 

TO thermostat off mode 

w wall tube or water 

changes with outdoor operating condition. Hence, it is necessary to

modify the shape of the heat exchanger rather than inclining coils

in order to reduce non-uniformity in each operating condition. 

Maldistribution of airflow distribution causes uneven refrigerant

mass flow which further deteriorates heat exchanger performance.
ssuming uniform refrigerant or airflow is not recommended for

ost numerical models or optimization techniques as it has a sig-

ificant effect on system performance results [25–29] . There are

! possible circuits for a heat exchanger with n tubes [30] and

he connections can be W-, U-, or Z-shaped. A more uniform tem-

erature distribution has been achieved with Z-shaped connec-

ions where the concentrated mass flow area interacted with high-

emperature zones [31] . Although this improves heat transfer per-

ormance, the pumping power requirements also increase due to

onger circuits. Therefore, smaller refrigerant circuits are required

o reduce pumping power without compromising on heat transfer

n any operating conditions. 

The literature review suggests that various techniques have

een developed in the past to improve air and refrigerant flow

niformity for system performance enhancement. However, these

echniques are limited to specific designs under rated load con-

itions which results in high energy consumption throughout

he year, especially in non-peak operating conditions. The heat

ump performance analysis based on partial load operating con-

itions has not been carried out in literature to the best of

he author’s knowledge. Therefore, the present study proposes

n energy-efficient heat pump system under partial load op-

rating conditions. Cycle simulation is performed for 3 differ-

nt outdoor heat exchanger configurations. Face velocity pro-

les have been calculated using computational fluid dynamics

or 10 different cooling/heating conditions and used as an in-

ut to the cycle simulation. The thermo-hydraulic performance

f the heat pump system is evaluated in terms of seasonal en-

rgy efficiency ratio (SEER) and seasonal coefficient of performance

SCOP). 

. Methodology 

.1. System description 

Fig. 1 shows the heat pump system considered in this study

omprised of four basic components: compressor, indoor heat

xchanger, expansion device, and outdoor heat exchanger. Out-

oor and indoor heat exchangers are both finned tube heat ex-

hangers comprising a bundle of tubes connected in different

atterns through which refrigerant flows. Each tube is a sin-

le tube cross-flow heat exchanger subjected to a specific por-

ion of airflow. Three outdoor unit heat exchanger shapes were

nvestigated: rectangular, cylindrical, and trapezoid as shown in

ig. 2 . All other geometric and operating parameters were kept

onstant for each design. Table 1 shows the simple system

pecifications. 

.2. CFD modeling 

Several models have been proposed in the past to predict air-

ow based on the assumption of uniform distribution which can

ead to significantly inaccurate results [32] . Domanski and Yashar

33] emphasized finding the non-uniform flow distribution to eval-

ate finned tube heat exchanger performance. 

Fig. 2 shows the three heat exchanger shapes considered in the

urrent study. Each heat exchanger consists of 180 staggered tube

rrays with louvered wide fins. Solving the flow profile through

he heat exchanger directly with any finite arithmetic is time-

onsuming and requires prohibitively high computational efforts.

herefore, the current heat exchanger has been modeled as a

orous medium which is numerically an efficient way to calculate

he face velocity profiles for an outdoor unit heat exchanger [34] .

t reduces simulation complexities and time requirements without

ompromising on the accuracy of the results. A porous medium ap-

roach is used in a variety of applications such as tube banks, per-
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Fig. 1. Simplified system description. 

Fig. 2. Heat exchanger configurations (a) rectangular, (b) cylindrical and (c) trapezoidal. 

Table 1 

System specifications. 

Item Specification 

Refrigerant/oil R410A/POE 

Compressor Scroll compressor 

Indoor heat exchanger Tube diameter φ = 7.0 mm, 3 rows, 56 steps, 168 tubes, 1040 mm total length 

Outdoor heat exchanger Tube diameter φ = 7.0 mm, 3 rows, 60 steps, 180 tubes, 1720 mm total length 

Expansion device Capillary ( φ = 4.76 mm, total length = 240 mm) 

Fin type and pitch (Indoor/outdoor) Slit 1.5 mm/Louver 1.7 mm 

f  
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f

 

t

 

(  

c
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orated plates, filter papers and flow distributors [35] . An and Kim

36] used a simple porous medium approach to calculate face ve- 

ocity distribution of the cross flow heat exchanger with test data

or velocity and pressure-drop. 

Fig. 3 shows a simple outdoor unit and corresponding compu-

ational domain for the heat exchanger and fluid flow zones. 

We then solved the governing equations for three dimensional

3-D) steady incompressible flow using the CFD code [35] : mass
onservation, 

∂ρ

∂t 
+ ∇ · ( ρ�

 v ) = 0 , (1) 

nd momentum conservation, 

∂ 
( ρ�

 v ) + ∇ · ( ρ�
 v � v ) = −∇p + ∇ ·

(
τ
)

+ ρ�
 g + F , (2)
∂t 
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Fig. 3. Simplified outdoor unit with discretized porous medium and fluid flow zones. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Fig. 4. CFD model validation using An and Kim [36] test data. 
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where p is static pressure, v is velocity, ρ is density, ρ�
 g and F are

gravitational and external body forces, respectively, including the

source term for porous media; and τ is the stress tensor, 

τ = μ
[ (∇ 

�
 v + ∇ 

�
 v T 
)

− 2 

3 

∇ · � v I (3)

where μ is the molecular viscosity, and I is the unit tensor. 

The standard k- ε turbulence model was utilized to resolving

turbulence in the fluid domain, the simplest two-equation turbu-

lence model in which the solution of two separate transport equa-

tions allows turbulent velocity and length scales to be indepen-

dently determined, 

∂ 

∂t 
( ρK ) + div ( ρKU ) = div 

[(
μt 

σk 

)
grad K 

]
+ 2 μt S ij . S ij − ρε , 

(4)

where K is the turbulent kinetic energy, U is the turbulent veloc-

ity, μt is eddy viscosity, S ij represents a component of the rate of

deformation. 

Thus, the dissipation rate for turbulent kinetic energy ɛ can be

expressed as 

∂ 

∂t 
( ρε ) + div ( ρεU ) 

= div 

[ (
μt 

σε 

)
grad ε 

] 
+ C 1 ε 

ε 

K 

2 μt S ij . S ij − C 2 ε ρ
ε 2 

K 

, (5)

and turbulent eddy viscosity is derived by combining K and ɛ , 

μt = ρC μ
K 

2 

ε 
, (6)

where C μ is a dimensionless constant. For turbulent flows, the fol-

lowing values [37] were adopted for the constants: C 1 ε = 1.44,

C 2 ε = 1.92, C μ = 0.09, σ k = 1, and σε = 1.30. 

Reynolds stresses were calculated from the Boussinesq relation-

ship [38] , 

−ρu 

′ 
i 
u 

′ 
j 
= μt 

(
∂ U i 

∂ x j 
+ 

∂ U j 

∂ x i 

)
− 2 

3 

ρk δi j = 2 μt S i j −
2 

3 

ρk δi j . (7)

The flow was assumed laminar in the porous medium and the

standard k- ε turbulence model was used to resolve turbulence in
uid flow zones. Upstream and downstream boundaries were kept

ufficiently far from the heat exchanger, and no-slip conditions

rescribed at the solid wall. Domain elements were optimized for

ccurate and computationally efficient modeling. 

Table 2 compares the results obtained from different number of

rids. Pressure drops approximately 4.43% from Mesh 2 to Mesh 3.

urther grid refinement reduced this difference to approximately

.31%. Similar results were found for face velocity. Thus, Mesh 3

as selected for optimal accuracy and computational efficiency.

ig. 3 shows the discretized heat exchanger and fluid flow do-

ains. We created a hexahedral mesh for the porous media do-

ain (heat exchanger), and the fluid flow zone has meshed with

ne tetrahedral elements. Numerical results were compared with

he published data by An and Kim [36] . Fig. 4 shows pressure drop

ith respect to inlet velocity, confirming that numerical results

ere in good agreement with experimental results, within 2.14%

ven at higher velocities. 
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Table 2 

Grid independency test. 

Mesh Number of grids Face velocity difference (%) Pressure drop difference (%) CPU time per iteration (s) 

Mesh 1 815,611 6.1 7.12 74 

Mesh 2 1,552,816 3.8 4.43 122 

Mesh 3 1,822,544 2.4 1.31 169 

Mesh 4 2,286,923 2.4 1.31 232 
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.3. Heat transfer calculations 

The finned tube heat exchanger model can be solved through

ube by tube or section by section methods [39] . The current pro-

ram uses the tube by tube method, where outlets from the first

ube are considered as inputs to the second tube, etc. Parametric

ube details; inlet conditions, properties, and mass flow rates for

ir and refrigerant are known parameters and provide input for the

rst tube. Heat transfer from air to refrigerant can be expressed as

 a = m a C pa ( T ai − T ri ) ε, (8) 

here Q a is the air-side heat transfer rate, m a is the air mass flow

ate, C pa is the specific heat of the air, T ai is the airside inlet tem-

erature, T ri is the refrigerant side inlet temperature, ɛ is the heat

xchanger effectiveness. 

The overall heat transfer coefficient U is the sum of five serial

esistances: convective air resistance, conductive resistance as heat

ransferred through the tube wall, contact resistance through water

ayer in case of wet conditions, a contact resistance between out-

ide tube wall and fin collar, convective resistance of the refriger-

nt. If there is a water layer on the fin and tube surface, then con-

uction resistance through that water layer will also be involved,

 = 

⎛ 

⎝ 

A o 

h i A pi 

+ 

A o X P 

A pm 

K P 

+ 

1 

h l 

+ 

A o 

A po h p f 

+ 

1 

h o (1 + α) 
(

1 − A f 
A o 

(1 − φ) 
)
⎞ 

⎠ 

−1 

,

(9) 

here U is the overall heat transfer coefficient, A o is outside sur-

ace area exposed to air, A f is fin surface area, A pi is tube inside

urface area, A pm 

is mean surface area, A po is tube outside surface

rea, h i is inside tube heat transfer coefficient, h pf thermal con-

uctance of the pipe-to-fin contact, h l is convection heat transfer

oefficient through water layer, h o is convection heat transfer co-

fficient on air-side, X P is tube thickness, K P is tube thermal con-

uctivity, and φ = 

T f m −T a 

T f b −T a 
; fin efficiency, T a is air temperature, T fm 

s fin mean temperature, and T fb is fin base temperature. 

After calculating U from Eq. (9) , tube wall and fin’s surface tem-

eratures can be calculated using heat transfer resistances. Finned

ube heat exchangers can have several numbers of circuits, so the

otal mass flow rate of refrigerant will be divided among the cir-

uits such that total pressure drop across the heat exchanger re-

ains the same. Thus, the fraction of refrigerant through each cir-

uit can be expressed as Eq. (10) [39] 

 i = 

m i 

m tot 
= 

1 

last ∑ 

j= f irst 

(
R i / R j 

)0 . 571 
, (10) 

here R i = �P i / �G i 
1 . 75 is total refrigerant flowing through the i -

h circuit, R j = �P j / �G j 
1 . 75 is total flow resistance for all branches

plitting from that point. The first iteration loop estimates R i . Re-

istance in each tube is assumed to be the same regardless of flow

uality. Therefore, initial R depends on the number of refrigerant
i 
ircuits and their paths. Subsequent iterations update R i and F i val-

es. Iteration continues until the pressure drop across each circuit

ecomes uniform. 

Heat transfer and pressure drop correlations for different fin

ypes have been widely disseminated previously. Thus, friction fac-

or f and colburn j factor equations for the current fin-type under

onsideration can be expressed as Eqs. (11) and (12) respectively

40] . 

f = 

2 A min �P 

ρA i u max 
2 

(11) 

Where A min is the minimum flow area, A i its surface area ex-

osed to air, ρ is the air density and u max is the maximum velocity.

j = 

ηs h co Pr 2 / 3 

ρu max C p a 
(12) 

here ηs is the surface efficiency, h co is convection heat transfer

oefficient at the exterior surface, Pr is the Prandtl number, C p a is

he specific heat capacity of air-side. 

.4. Energy efficiency ratio and coefficient of performance 

The basic vapor compression cycle was implemented in the cy-

le simulation program [41] to calculate EER or COP for cooling

nd heating modes respectively. It included indoor and outdoor

nit finned tube heat exchanger models that act as condensers or

vaporators depending on the operating mode. Finned tube heat

xchangers are the main components of the cycle, and are solved

sing the tube-by-tube method. Non-uniform air flow velocity dis-

ribution was used as an input to the heat exchanger along with

ther parameters given in Table 1 . Each tube is a single tube cross

ow heat exchanger subjected to a specific amount of air flow.

nce heat exchanger capacity and evaporator or condenser outlet

onditions are evaluated, the refrigerant saturation temperatures

re used to solve the thermodynamic cycle. The software uses a

uilt-in compressor map data for the selected type of compressor

hich adjusts refrigerant flow rate and compressor power. Com-

ressor isentropic efficiency and volume flow rate were calculated

or the specified saturation temperatures at compressor inlet and

utlet. Energy efficiency ratio or coefficient of performance is cal-

ulated using heat exchanger capacity divided by total power in-

ut, including the power required by fan of the corresponding heat

xchanger. 

.5. Seasonal energy efficiency ratio and seasonal coefficient of 

erformance 

Heat pumps are generally designed for a peak load condition,

owever this is not an ideal or efficient way to design heat pump,

s the system will only operate at these conditions 1–2.5% per year

42] . Therefore, SEER and SCOP are expressions for how efficient a

pecific heat pump can operate under cooling and heating demand

nd it is necessary to design heat exchangers based on SEER and

COP. The actual weighting factor of the partial load operating con-

ition is difficult to determine as it depends on the application and
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Table 3 

Seasonal cooling operating conditions. 

Operating mode Outdoor DB/WB temperature ( °C) Indoor DB/WB temperature ( °C) Air flow rate (m 

3 /min) Average face velocity(m/s) Partial load ratio (%) 

EER A 35/24 27/19 182 1.4 100 

EER B 30/26 27/19 135 1 74 

EER C 25/22 27/19 112 0.9 47 

EER D 20/18 27/19 65 0.5 21 

Notes: DB = dry bulb, WB = wet bulb 

Table 4 

Seasonal heating operating conditions. 

Operating mode Outdoor DB/WB temperature ( °C) Indoor DB/WB temperature ( °C) Air flow rate (m 

3 /min) Average face velocity (m/s) Part load ratio (%) 

COP A -7/-8 20/15 149 1.1 88 

COP B 2/1 20/15 135 1.0 54 

COP C 7/6 20/15 86 0.7 35 

COP D 12/11 20/15 65 0.5 15 

TOL -10/-11 20/15 182 1.4 - 

Heating Standard 7/6 20/15 182 1.4 - 

Notes: TOL = Temperature operating limit. 

Fig. 5. Simulation model flow chart. 
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environmental conditions of the AC and heat pump system which

can be expressed as Eqs. (13) –(18) . 

SE E R = 

Q c 

Q c 
SE E R on 

+ H T O × P T O + H SB × P SB + H CK × P CK + H OF F × P OF F 

, 

(13)

where H is the number of hours in a year the heat pump is

in stated operating mode (thermostat off mode, standby mode,

crankcase heater mode, and off mode) and P is the energy con-

sumption of the heat pump in corresponding mode. Q c is defined

as the reference annual cooling demand (kWh) and is expressed as

Eq. (14) . 

Q c = P design −c × H ce , (14)
here P design −c is the energy consumption in design operating

ode, and H ce is the number of annual operating hours. By ac-

umulating cooling demand and electricity consumption for each

emperature, SEER on can be calculated as the accumulated electric-

ty consumption divided by the accumulated cooling demand as

iven by Eq. (15) . 

E E R on = 

n ∑ 

j=1 

h j .P c( T j ) 

n ∑ 

j=1 

h j . 

(
Pc( T j ) 

E E R PL ( T j ) 

) , (15)

here T j is the bin temperature, j is the bin number, n is the

mount of bins, Pc ( T j )is the cooling demand of the building for the

orresponding temperature T j , h j is the number of bin hours occur-

ing at the corresponding temperature T j , and EER PL ( T j ) is the EER
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Fig. 6. (a) Energy efficiency ratio (EER) of the cycle; (b) Coefficient of performance (COP) of the cycle. 

Fig. 7. Velocity contours for the three considered geometries. 
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t  
alues of the unit for the corresponding temperature T j . Similarly,

COP for heating case can be evaluated using Eqs. (16) –(18) . 

COP = 

Q h 

Q h 
SCO P on 

+ H T O × P T O + H SB × P SB + H CK × P CK + H OF F × P OF F 

(16) 

here 

 h = P design −h × H he , (17) 

m  
CO P on = 

n ∑ 

j=1 

h j .P h ( T j ) 

n ∑ 

j=1 

h j . 

(
Ph ( T j ) −elbu ( T j ) 

CO P PL ( T j ) 
+ elbu 

(
T j 

)) (18) 

here Ph ( T j )is the heating demand of the building for the corre-

ponding temperature T j , COP PL ( T j ) is the COP values of the unit

or the corresponding temperature T j , and elbu ( T j ) is the required

apacity of an electric backup heater for the corresponding tem-

erature T j . 

Alternatively, few standards are used nowadays, for better de-

ermination of the reflecting time of each load condition. One such

ethod adopted in the current study is to utilize the weighting
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Fig. 8. Rectangular geometry airflow distribution. 

Fig. 9. Cylindrical geometry airflow distribution. 

Fig. 10. Trapezoidal geometry airflow distribution. 
factors of the European standard EN14825 [43] to calculate the av-

erage heat exchanger performance as given in Eqs. (19) and (20) for

cooling and heating standards. 

SE E R = 0 . 03 A + 0 . 33 B + 0 . 41 C + 0 . 23 D (19)

SCOP = 0 . 03 A + 0 . 24 B + 0 . 23 C + 0 . 5 D (20)

where A, B, C, and D represent EER/COP under 100%, 75%, 50%,

and 25% load conditions for cooling mode and 100%, 84%, 51%,

and 33% load conditions for heating mode respectively. European

standard EN14825 provides calculations method to evaluate the

seasonal energy efficiency ratio (SEER) and seasonal coefficient of

performance (SCOP). It specifies the outdoor and indoor operat-

ing conditions. The weighting coefficients are also fixed in ac-

cordance to the time of operating mode. Outdoor dry and wet

bulb temperatures for four cooling cases during summer are 35/24,

30/26, 25/22, and 20/18 °C with comfortable indoor temperatures

27/19 °C. Corresponding winter temperatures for heating mode are

-7/-8, 2/1, 7/6 and 12/11 °C with comfortable indoor temperatures

25/15 °C. Detail operating conditions are given in Tables 3 and 4 .

Fig. 5 shows the simulation flow chart to help clarify the numerical

methodology. 

3. Results and discussion 

3.1. Model validation 

Simulation results for EER and COP under rated as well as par-

tial load operating conditions for the rectangular geometry have

been compared with the available experimental data [44] as shown

in Fig. 6 . Numerical results were found to be in good agreement

with experimental data having maximum percentage difference of

2.23% for EER and 1.97% for COP, respectively. 

3.2. Air flow velocity contours 

Eight cases were studied in total with condition EER(A) as the

base case with rated volume flow 182 m 

3 /min. Fig. 7 (a)–(c) show

velocity contours for the considered outdoor unit heat exchanger

shapes. Velocity contours for the rectangular geometry are quite

densely packed along the height of heat exchanger, whereas cylin-

drical geometry contours are widely spread and trapezoidal geom-

etry lies between the two extremes. Wider spread velocity con-

tours imply a more favorable velocity distribution due to smoother

surface. Rectangular geometry has sharp 90 ° bends that cause flow

separation and increase flow non-uniformity. Trapezoidal geometry

bends are 110 °, reducing separation and increasing flow uniformity.

Enlarged views in Fig. 7 indicate that airflow velocity suddenly

drops to zero at the upper and lower ends for each geometry due

to the heat exchanger ceiling, consistent with Lee et al. [21] . 

3.3. Face velocity profiles 

Figs. 8–10 compare face airflow velocity distributions for each

considered heat exchanger, respectively, where flow maps were

generated from data sets compiled for sixty points along the height

of each heat exchanger. 

Fig. 8 shows the airflow velocity distribution for rectangular

geometry under different seasonal conditions. Airflow velocity is

quite non-uniform on the heat exchanger surface. The upper por-

tion interacted with more air volume leading to higher air velocity

decreasing gradually towards the lower part of the heat exchanger.

This flow profile is consistent with Lee et al. [21] for multi-coil

condenser. The gradual reduction in airflow velocity from top to

bottom occurs due to the suction fan installed at the top of the

heat exchanger. 
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Fig. 11. Velocity variation for (a) cooling and (b) heating conditions. 

Fig. 12. Energy efficiency ratio (EER) and coefficient of performance (COP) for the considered outdoor geometries in (a) cooling, and (b) heating conditions. 
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Figs. 9 and 10 confirm that flow velocity distributions for cylin-

rical and trapezoidal geometries are more uniformly distributed

ompared to the rectangular geometry. This is because the cylindri-

al geometry has a smooth surface without abrupt bends, whereas

rapezoidal geometry bends are less sharp than for the rectangular

eometry. 

Thus, velocity distribution is strongly affected by heat ex-

hanger geometry, air filter blockage, fan position, etc. The results

lso suggest that outdoor air volume has a significant effect on

elocity distribution, where increased outdoor air volume will in-

rease flow distribution non-uniformity and vice versa. 

Fig. 11 (a) compares face velocity variation in terms of factors

or rectangular, cylindrical and trapezoidal geometries under cool-

ng conditions. The factor is defined as maximum face velocity di-

ided by minimum value [45] . Face velocity variations from top

o bottom for rectangular, cylindrical, and trapezoidal geometries

ere factor of 2.58 (3.02/1.17), 1.37 (1.98/1.44), and 1.68 (1.45/0.86)

/s under condition EER(A). Factors for other conditions were 2.44,

.36, and 2.12; 1.35, 1.34, and 1.28; and 1.63, 1.61, and 1.46 for

ER(B), EER(C) and EER(D) conditions for rectangular, cylindrical,
 0  
nd trapezoidal geometries, respectively. Higher factors imply more

on-uniform flow. Cylindrical geometry exhibits the lowest varia-

ion under all cooling conditions compared with rectangular and

rapezoidal geometries, hence it has the least flow non-uniformity,

ue to surface smoothness. 

Fig. 11 (b) depicts factors for all three geometries under heat-

ng conditions. Similar to the cooling case ( Fig. 11 (a)), velocity

ariation confirms rectangular geometry produces the most non-

niform flow distribution due to abrupt bends, with trapezoidal

ore favorable, and cylindrical geometries the most favorable flow

elocities. 

.4. Effect of outdoor heat exchanger shape on system performance 

Calculated non-uniform airflow velocity distributions over the

eat exchanger were subsequently used as an input for heat pump

ycle calculations. Fig. 12 shows EER and COP under standard cool-

ng and heating conditions for each geometric configuration, with

verage face velocities under cooling conditions 1.74, 1.28, 1.06, and

.61 m/s; 1.61, 1.19, 0.98, and 0.57 m/s; and 1.03, 0.77, 0.64, and
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Fig. 13. Seasonal energy efficiency ratio (SEER) and seasonal coefficient of perfor- 

mance (SCOP) for the considered outdoor geometries. 
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0.37 m/s for rectangular, cylindrical and trapezoidal geometries, re-

spectively. Average face velocities for rectangular geometry were

7–8% higher magnitude than cylindrical geometry. EER and COP

should increase with increasing face velocity [5] . However, in this

case, that deteriorates 2–5% in all conditions due to flow maldis-

tribution. 

Trapezoidal geometry has a more uniform flow velocity distri-

bution than rectangular geometry, but its average face velocity is

very low, which deteriorates overall system performance. There-

fore, cylindrical geometry exhibits the best performance, with im-

proved flow distribution uniformity without compromising much

average face velocity magnitude. 
Fig. 14. The different refrigerant circ
.5. Effect of outdoor heat exchanger shape on SEER/SCOP 

SEER and SCOP are weighted formula enabling to take into ac-

ount the variation of EER and COP for cooling and heating condi-

ions of heat pump systems with the load ratio and the variation

f air inlet condenser temperature. An efficient shape of outdoor

nit with more favorable velocity distribution can maximize over-

ll system’s rated as well as part-load efficiency. Selecting the ap-

ropriately shaped design requires an understanding of the peak

oad operating points and the system’s load profile in cooling and

eating mode. To assess the seasonal performance variation of the

eat pump system, SEER and SCOP are calculated according to

qs. (19) and (20) . The results are plotted for each outdoor unit

hape as shown in Fig. 13 . It can be seen from the results that

ylindrical shape outdoor unit can enhance seasonal performance

p to 3.70% due to more favorable velocity distribution. This im-

rovement could provide significant energy savings throughout the

ear. 

.6. Effect of refrigerant circuits on SEER/SCOP 

Although smart heat exchanger geometry can promote flow

niformity, non-uniform airflow distribution cannot be totally re-

oved. The upper portion of the heat exchanger will still inter-

ct with more air volume compared to the lower part. There-

ore, smart refrigerant circuit arrangement is essential to improve

eat pump performance. Three circuit designs are investigated for

ach of the three outdoor heat exchanger geometries, as shown in

ig. 14 . Circuit one has the symmetric number of passes on the

pper and lower part of the heat exchanger, which is commonly

ound in heat exchangers. The second circuit design had 11 of 18

nlets set at the upper part of the heat exchanger and the remain-

er spread through the lower part. The third case reversed the sec-

nd. There were 60 tubes in each heat exchanger row and 18 cir-

uits in each heat exchanger. 
uit arrangements considered. 
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Fig. 15. (a) Seasonal energy efficiency ratio (SEER) and (b) seasonal coefficient of performance (SCOP) for three refrigerant circuit cases for the considered outdoor geometries. 
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Fig. 15 show circuit 2 improved SEER and SCOP by 3.25% and

.97%, 1.20% and 2.27%, and 2.17% and 7.53% for rectangular, cylin-

rical, and trapezoidal geometry, respectively, compared with cir-

uit 3. Since high air volume tends to occur in the upper part

f the heat exchanger ( Figs. 8–10 ), shorter circuits in the upper

art causes higher refrigerant mass flow through those circuits,

nd hence more balanced air and refrigerant distribution, signifi-

antly improving heat transfer performance. 

In contrast, performance deteriorated for all three geometries

hen more inlets were placed in the lower part of the heat ex-

hanger, due to more unbalanced air and refrigerant distributions.

hus, smart heat exchanger refrigerant circuit arrangements are es-

ential to address flow non-uniformity. 

. Conclusion 

The current study presents the effect of outdoor unit heat ex-

hanger shapes and refrigerant circuit designs on heat pump sys-

em performance improvement under partial load operating con-

itions. Computational fluid dynamics analysis has been used to

nd face velocity distribution for 10 different operating conditions,

nd cycle simulations are conducted to calculate SEER and SCOP.

o find the effect of refrigerant pass on the system performance,

e also investigated three heat exchanger refrigerant circuit lay-

uts for each outdoor heat exchanger configuration. The following

onclusions can be drawn. 

1 Among the considered three heat exchanger configurations,

maximum velocity variation was observed for rectangular ge-

ometry and minimum for cylindrical geometry under rated as

well as partial load operating conditions. This implies cylindri-

cal geometry performed well in all operating conditions com-

pared to rectangular and trapezoidal shapes. 

2 Average face velocity magnitudes were higher for rectangu-

lar geometry than cylindrical and trapezoidal geometries, es-

pecially under rated load conditions. It is worth finding that

approximately 2–5% EER and COP enhancement were achieved

for cylindrical compared to rectangular geometry even with low

average face velocity. This implies that a more uniform distri-

bution of flow velocity could enhance heat pump performance

even by compromising face velocity magnitude to some extent.

3 The maximum seasonal performance improvement of 3.60%

was achieved for cylindrical outdoor unit heat exchanger com-

pared with rectangular geometry. This level of improvement

could potentially save considerable energy annually. 
4 The maximum SEER and SCOP improvements for rectangular

(3.25% and 9.97%), cylindrical (1.20% and 2.27%), and trapezoidal

(2.17% and 7.53%) geometries, respectively, were achieved by

optimal refrigerant circuit arrangement relative to observed air-

flow distributions. 

The current study has some limitations, in particular, the rela-

ively small range of heat exchanger shapes and refrigerant circuit

odifications. Further studies will extend the matrix by using an

ptimized fan design to generate more uniform airflow distribu-

ion, with balanced air and refrigerant mass flow rates to establish

ptimal refrigerant path. 

Similar design criteria could also be applied to various heat ex-

hangers used in commercial and industrial applications. 
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