
International Journal of Thermal Sciences 153 (2020) 106384

Available online 30 March 2020
1290-0729/© 2020 Elsevier Masson SAS. All rights reserved.

Thermal performance of diffusion-bonded compact heat exchangers 

A.P.C. Sarmiento a,*, V.H.T. Soares a, G.G. Carqueja a, J.V.C. Batista a, F.H. Milanese a,b, M.B. 
H. Mantelli a 

a Heat Pipe Laboratory, Department of Mechanical Engineering, Federal University of Santa Catarina, Florian�opolis, SC, Brazil 
b Department of Energy Engineering, Federal University of Santa Catarina, Ararangu�a, SC, Brazil   

A R T I C L E  I N F O   

Keywords: 
Compact heat exchanger 
Diffusion bonding 
Counter-flow heat exchanger 

A B S T R A C T   

This work presents an experimental and theoretical evaluation of the thermal performance of a square straight 
diffusion-bonded stainless steel compact heat exchanger. A one-dimensional steady-state thermal model was 
proposed to predict the thermal characteristics of the heat exchanger. To validate the model and to study the 
thermal behavior of the heat exchanger, an experimental test apparatus was developed. The heat exchanger was 
tested in several combinations of Reynolds ranging from 2600 to 7500, representing transition to turbulent 
regimes. The temperatures were varied from 70 �C to 80 �C for the water and from 25 �C to 42 �C for the air, at 
the inlet of the heat exchanger, respectively. A good agreement between the experimental data and the analytical 
model was obtained.   

1. Introduction 

In the petroleum and process industries, shell and tube or variations 
represent about 35% of the total of the heat exchangers used, being by 
far the most popular technology [1,2]. Although these types of heat 
exchangers are reliable and robust, their large volumes and footprint 
area make them not appropriate to be used in some applications [1,3]. 
On the other hand, compact heat exchangers are highly efficient, as their 
main characteristic is their large heat transfer surface area for a fixed 
volume. Although these devices have evolved considerably lately to new 
efficient solutions, they still deserve a great deal of research around the 
world. 

Compact heat exchangers have been developed for applications 
where requirements of small weight and space are mandatory, as 
encountered in aerospace, naval and automotive fields. In many heat 
exchangers especially the compact ones, hot and/or cold streams may 
flow through non-circular cross-section ducts, i.e., triangular or rect
angular, among other geometries. The lengths of these ducts are usually 
small. The equipment may operate in several regimes, varying from 
laminar to turbulent. 

Advanced heat exchangers, like the printed circuit (PCHE), are 
compact devices characterized by a large heat transfer surface to volume 
ratio, which presents high effectiveness and low terminal temperature 
difference. Generally, the compact heat exchanger is fabricated from a 
large number of plates with channels, chemically etched or water–jet 

machined [4,5]. After a stacking process, a diffusion bonding technique 
is applied for fabricating the cores. This technology allows for an 
excellent mechanical strength at the union interface, enabling these 
exchangers to support very large working pressures, which, in some 
situations may exceed 50 MPa [3,6]. Over the years, compact heat ex
changers joined by diffusion bonding have been considered as an 
alternative to more conventional technologies for oil exploration plat
forms, advanced high-temperature reactors, concentrated solar power 
applications, synergetic air-breathing and rocket engine [7–10], among 
others. In this frame, a large volume of research effort has been dedi
cated to understand the thermohydraulics characteristics of 
diffusion-bonded compact heat exchangers, focusing on the channel 
geometry, channel topology, and fluid properties, employing both 
experimental and numerical approaches. 

In recent years, compact heat exchangers with several channel to
pologies have been studied, namely: straight, zigzag, s-shape and airfoil 
shape. Mylavarapu et al. [11] evaluated the thermal-hydraulic perfor
mance of two straight semicircular printed circuit heat exchangers 
(PCHE) with helium as working fluid. A comparison of the model with 
the experimental data shows that the theoretical models underestimated 
the experimental Fanning friction factor. The Nusselt number calculated 
from their model is in good agreement with experimental Nusselt 
number, for Reynolds numbers up to 1700, when the onset of transition 
to turbulence is observed. For Reynolds number greater than 3000 a 
good agreement is observed for the Nusselt number model. 

Seo et al. [12] studied the heat transfer and pressured drop 
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characteristics of a straight semicircular microchannel PCHE, which was 
tested for Reynolds numbers up to 850, with water as the working fluid 
for both cold and hot sides. 

Kwon et al. [13] experimentally studied the heat transfer coefficient 
in a straight semicircular mini-channel PCHE with a counterflow 
configuration. They tested the PCHE under various heat transfer con
ditions at cryogenic temperatures: single-phase, boiling and condensa
tion. In the single-phase experiment, the tested Reynolds number was 
varied from 8500 to 17,000. They compared their data with Gnielinski 
[14] and Peng and Peterson [15] correlations. According to them, the 
Gnielinski correlation is able to predict the overall heat transfer coeffi
cient within 10% while the Peng and Peterson [15] correlation compares 
with approximately 30% error on average. 

Chu et al. [16] evaluated the thermohydraulic performance of PCHE 
with a straight semicircular channel with SCO2 and water as heat 
exchanging fluids. Two experiments were developed; the first was a 
water and water combination to find the water correlations for the PCHE 
waterside. This test showed that the Gnielinski [14] correlation has a 
maximum and average errors of 13.2% and 8.6%, respectively for 
Reynolds number varying from 2800 to 6700. The second test used a 
combination of SCO2 and water as fluids. The effects of thermal prop
erties, pressure and the pseudo-critical effects on the thermal 

performance of the PCHE were analyzed in this test. For the SCO2 side, 
correlations for calculating the Nusselt number as a function of fluid 
properties were proposed, valid for Reynolds number between 30,000 
and 70,000. 

Mortean et al. [5,7,17,18] developed a series of experimentally and 
numerical studies of a straight square diffusion bonded compact heat 
exchanger in a cross-flow configuration operating with water and air as 
heat exchanging fluids. They tested the compact heat exchanger in 
several combinations of Reynolds numbers up to 2496 and temperatures 
varying from 30 �C to 70 �C for the water and from 17 �C to 26 �C for the 
air, at the inlet of the heat exchanger. 

Khalesi and Sarunac [19] developed a numerical analysis of the 
developing laminar flow and conjugate heat transfer in a rectangular 
microchannel with SCO2 and liquid sodium as fluids. The values of 
friction coefficient and Nusselt numbers predicted by the numerical 
analysis were compared with analytical solutions from the literature. 
The numerical results show that a large variation in SCO2 properties in 
the critical and pseudocritical regions affects the fluid flow and, 
consequently, the heat transfer. The effect of large properties variations 
is diminished for operating conditions away from the critical point. 

Nikitin et al. [20] experimentally studied the heat transfer and 
pressure drop performance of a zigzag PCHE in an experimental SCO2 

Nomenclature 

a thickness of the intermediate plate m 
ffiffiffiffi
A
p

square root of the cross-section area m 
Achannel cross-section area of the channel m2 

Af total fin area m2 

Atotal total heat transfer area m2 

Awall average wall surface area m2 

b channel height m 
CoV coefficient of variation 
cp specific heat at constant pressure J/kg K 
Cr fluid capacity parameter 
dh channel hydraulic diameter m 
e fin thickness m 
F volume field forces N/m3 

f Darcy friction factor 
H height of the core m 
Hcell height of one cell m 
H heat transfer coefficient W/m2 K 
Ktd development correction factor 
k turbulence kinetic energy m2/s2 

km thermal conductivity of the material W/m K 
kf fluid thermal conductivity W/m K 
L length of the core m 
LMTD logarithmic mean temperature difference K 
ℓ characteristic length m 
_m mass flow rate kg/s 

m fin efficiency parameter 
n number of channels per layer 
N number of layers for each side 
M total number of channels 
Nu Nusselt number 
NTU number of heat transfer units 
P wet perimeter of the channel m 
Pr Prandtl number 
q heat transfer rate W 
Re Reynolds number 
Rtotal overall thermal resistance K/W 
Rconvection convection thermal resistance K/W 
Rfouling fouling thermal resistance K/W 

T temperature K 
TC thermal correction factor 
t t-Student parameter 
UA overall thermal conductance W/K 
u velocity m/s 
V total volume of the heat exchanger core m3 

Vslice volume of one cell m3 

W width of the core m 
w channel width m 
x cartesian components 

Greek symbols 
α compactness parameter m2/m3 

β heat transfer surface area density m2/m3 

βd ratio between the width and height of the rectangular 
channel 

γ interpolation parameter 
Δ denotes difference 
ε effectiveness of the heat exchanger 
εf fluctuation dissipation m2/s3 

ζ temperature difference tolerance 
ηf efficiency of the surface fin 
ηo overall efficiency of the surface fin 
λ total heat transfer surface density m2/m3 

ν degrees of freedom 
ρ fluid density kg/m3 

ψ damping function 
σ porosity of the core 

Subscript and abbreviations 
cold cold side 
hot hot side 
exp experimental 
in inlet 
out outlet 
average average value 
wall wall 
min minimum value 
max maximum value  
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loop. Pra et al. [21] showed that zigzag channels improve heat transfer 
with an increment on the friction factor. Chen et al. [22] evaluated the 
thermohydraulic performance of a semicircular zig-zag PCHE with he
lium as working fluid. Chen et al. [22] tested a PCHE with several inlet 
temperatures and pressure conditions varied up to 464 �C and 2.7 MPa 
for the cold side and 802 �C and 2.7 MPa for the hot side. The mass flow 
rate of the helium varied from 22 kg/h to 39 kg/h, representing Rey
nolds numbers from 1500 to 3558, covering the laminar and laminar to 
turbulent transition. According to them, if compared the heat transfer 
performance in straight semicircular channels, the zigzag channels 
provided a small advantage for the laminar flow regime however sig
nificant advantage near the transition regime. Chen et al. [23] studied 
the thermal-hydraulic performance of a zig-zag channel PCHE by means 
of numerical simulations. A comparison between the experimental data 
and numerical results showed good agreement for both heat transfer and 
pressure drop. From the analysis of the local temperature and velocity 
distributions, the fully developed condition was not reached due pri
marily to the topology of the zigzag channel. Moreover, the thermal 
boundary conditions showed that the temperature of the fluid and heat 
fluxes along the flow channel cross-section was not uniform. Nonethe
less, the distribution of the bulk temperature of the helium along the 
flow direction was almost linear. In relation to the heat flux distribu
tions, even if they were largely different at different segments, the ten
dency of the heat flux for each segment along flow direction was 
analogous. Meshram et al. [24] developed a comparative numerical 
simulation of semicircular straight and semicircular zigzag channels for 
the liquid flows in a fully turbulent regime. According to them, the 
hydraulic diameter plays important roles in the overall heat transfer and 
pressure drop for both channels. From the simulation results for the 
zigzag channel, it was found that a larger bend angle and smaller linear 
pitch perform better than a smaller bend angle and large linear pitch 
combination. Developed correlations derived from simulations were 
used in a one-dimensional thermal model of a PCHE. The results of a 
thermal model show that a volume of a PCHE with zigzag channels is 
significantly smaller than a straight PCHE. 

Ngo et al. [25] investigated the thermal and hydrodynamical per
formance of an s-shaped fin PCHE by performing numerical analysis 
over a range of Reynolds numbers using computational fluid dynamics 
code with SCO2 as the working fluid. They showed that the s-shaped 
channel provided up to seven times lower pressure drop while main
taining the heat transfer performance almost equal to that of a PCHE 
with zigzag channels. Kim et al. [26] numerically analyzed both the 
zigzag and airfoil-shape fin PCHE operating with SCO2 as the working 
fluid. They concluded that the total heat transfer per unit volume of a 
PCHE does not depend on the channel shape and on the configuration. 
However, the pressure drop for the airfoil-shaped fin geometry was 
lower compared to the zigzag channel. Chen et al. [27] compared the 
comprehensive performance of PCHE with several NACA airfoil fin se
ries and zigzag channels by means of computational fluid dynamics. 
According to them, the NACA airfoil has a reduction in pressure drop 
maintaining heat transfer performance. With a fixed vertical pitch, the 
heat transfer performance of NACA series airfoil fin PCHE increases as 
airfoil thickness increases. However, comprehensive performance, in 
which both flow and heat transfer are considered, degrades with 
increasing airfoil thickness. Among four NACA airfoils, NACA 0010 
airfoil fin PCHE demonstrates the best overall performance. Wang et al. 
[28] studied experimentally the heat transfer of hybrid PCHE for 
concentrating solar power. The hybrid PCHE has airfoils fins on one side 
and straight rectangular channels on the other side. The heat transfer 
characteristics of the hybrid PCHE was experimentally investigated by 
using a ternary salt and a synthetic oil as the heat transfer fluids in the 
airfoil channel and the straight channel, respectively. The experimental 
data was obtained for the molten salt temperature ranging from 198 �C 
to 254 �C and Reynolds number range from 500 to 1548. Experimental 
Nusselt number was compared with other correlations for PCHE with 
straight and zigzag channels, showing that the airfoils fins have better 

heat transfer performance. Finally, two correlations for calculating the 
Nusselt number for PCHE with airfoils fins were developed. 

Alvarez et al. [29] presented a complete pressure drop and second 
law analysis in two diffusion-bonded heat exchangers, the first with 
square straight channels, which is exactly the same considered in this 
work, and the second with square zig-zag channels. The total entropy 
generation numbers for the two channel geometries were compared and 
the optimum Reynolds operation number was determined for each ge
ometry and for different experimental conditions. 

As noted above, much of the work on compact heat exchanger joined 
by diffusion bonding is focused on computational and experimental 
evaluation operating under high temperatures and pressures (super
critical fluid), in laminar and fully turbulent Reynolds numbers. From a 
geometrical point of view, the majority of the works are focused on the 
evaluation of both continuous and discontinuous channels and their 
impact on the thermohydraulic behavior on compact heat exchangers. 
Most of the previous investigations studied the thermal characteristics of 
printed circuit heat exchangers with semicircular straight and non- 
straight channels. Note that, the effect of the mass flow distribution in 
the majority of these works was ignored. To the best of our knowledge, 
experimental performance evaluation of single-phase heat transfer on a 
square straight diffusion-bonded compact heat exchanger has been only 
analyzed for Reynolds number up to 2496 as shown by Mortean et al. [5, 
7,17,18]. 

Therefore, the main goal of this paper is to investigate the thermal 
characteristics of a straight square compact heat exchanger, where 
single-phase streams flow in the transition to turbulent regimes, in a 
diffusion bonded compact heat exchanger. To fulfill this goal, a math
ematical method is proposed, where the results are compared with data 
obtained from experimental tests conducted in a diffusion-bonded heat 
exchanger constructed and tested for this purpose. 

2. Compact heat exchanger theoretical model 

In the current work, the heat transfer performance of a counter-flow 
compact heat exchanger joined by the diffusion bonding process is 
estimated theoretically. To fulfill this purpose, some correlations from 
the literature were validated with data from an experimental setup, 
constructed for testing a heat exchanger core, which was fabricated 
using the method developed by Mortean et al. [4,6]. The compact heat 
exchanger under analysis has a counter-flow configuration with square 
channels. Fig. 1 depicts a schematic of the investigated counter-flow 
heat exchanger, while Fig. 2 presents an illustration of the channel 
cross-section geometry, highlighting the parameters to be used in the 
models presented next. 

According to Kays and London [30] and Hesselgreaves et al. [3], the 
subsequent parameters can be used to characterize the compact heat 
exchanger core, where, the most common is the hydraulic diameter, dh, 
which, for the hot and cold side can be defined as, respectively: 

dh;hot ¼
4Achannel;hot

Phot
¼

2whotbhot

whot þ bhot
dh;cold ¼

4Achannel;cold

Pcold
¼

2wcoldbcold

wcold þ bcold
(1)  

where w and b are the channel width and height and Achannel is the cross- 
section area of the channel, which is calculated as: 

Achannel;hot ¼ whotbhotAchannel;cold ¼ wcoldbcold (2) 

The wet perimeter of the channel, P, can be estimated as: 

Phot ¼ 2ðwhot þ bhotÞPcold ¼ 2ðwcold þ bcoldÞ (3) 

The ratio between the total heat transfer area and the total volume is 
defined as the heat transfer surface area density of the core, β ¼ A=V, 
being expressed as: 
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βhot ¼
Phot Lnhot

WLbhot
¼

2ðwhot þ bhotÞnhot

bhotWhot
βcold ¼

Pcold Wncold

WLbcold
¼

2ðwcold þ bcoldÞncold

bcold Lcold

(4)  

where L and W are the length and width of the core, respectively, while n 
is the number of channels per layer. 

The compactness parameter, α, which is the ratio between the heat 
transfer area of one of the streams and the equipment volume, is defined 
as follows: 

α ¼ P ​ L ​ n
Vslice

¼
P ​ L ​ n

W ​ L ​ Hcell
→Hcell ¼ bcold þ bhot þ aαhot

¼
bhotβhot

bcold þ bhot þ a
; ​ αcold ¼

bcoldβcold

bcold þ bhot þ a
(5)  

where a is the thickness of the intermediate plate and Hcell is the height 
of one cell (cold and hot streams), as shown in Fig. 2. The total heat 
transfer area of each stream can be calculated as: 

Atotal;hot ¼ αhotV; ​ Atotal;cold ¼ αcoldVV ¼ W H L (6)  

where V is the total volume of the heat exchanger core. The porosity of 

the core, σ, can be defined as the ratio between the free flow area and the 
total frontal area: 

σhot ¼ αhot
dh;hot

4
σcold ¼ αcold

dh;cold

4
(7) 

The free flow area is calculated as: 

Afree;hot ¼ σhotðWhotHÞAfree;cold ¼ σcoldðWcoldHÞ (8) 

The total heat transfer surface density, λ, which is the main charac
teristic of the complete core and involves both sides, can be estimated as 
the total heat transfer area per total volume, is expressed by: 

λ¼αhot þ αcold (9)  

2.1. Thermal model 

The developed model in this work is similar to the one presented in 
[1,3,30]. To determine the overall thermal resistance of the heat 
exchanger, a thermal circuit model is applied, where the following hy
potheses are assumed: 1) thermal radiation and natural convection are 
neglected; 2) fluid and solid properties are evaluated at their average 

Fig. 1. Schematic illustration of the heat exchanger core with headers.  

Fig. 2. Geometric parameters of the core.  
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temperatures; 3) incompressible fluid flow; 4) steady-state heat transfer; 
5) fluid flow in transition and turbulent regimes and 6) the fluid is 
uniformly distributed among the channels and has a uniform velocity 
profile at the inlet channels. 

The overall thermal resistance can be expressed as a function of 
thermal resistances, where a schematic representation is shown in Fig. 3. 
According to Hesselgreaves et al. [3], the overall thermal resistance can 
be calculated as a sum of the convection, fouling and wall resistances. 

The overall thermal conductance can be calculated as follows [1]: 

where R}
d; ηo; Awall; h; km are the fouling factor, overall efficiency of the 

surface, average wall surface area, heat transfer coefficient and thermal 
conductivity of the material, respectively. Rearranging Equation (10) 
and neglecting the fouling factor for both hot and cold sides, the overall 
thermal conductance is rewritten as: 

UA¼
�

1
ηo;hothhotAtotal;hot

þ
1

ηo;coldhcoldAtotal;cold
þ

a
kmAwall

�� 1

(11) 

As shown in Fig. 4, the distribution of the hot and cold heat 
exchanger channels are periodical. Therefore, the heat exchanger is 
divided into repeating modules, which comprises a cell with half volume 
of a cold fluid channel from one plate, a partition plate and half of a hot 
fluid channel from the adjacent plate. The core of the heat exchanger can 
be modeled as a series of finned plates, where the fins are located be
tween the hot or cold channels. 

Temperature gradients along the fins reduce the overall efficiency, 
ηo. The overall efficiency of a set of fins can be estimated as a function of 
one fin efficiency, ηf, by the following expression [30]: 

ηo;hot ¼ 1 �
Af;hot

Atotal;hot

�
1 � ηf ;hot

�
ηo;cold ¼ 1 �

Af;cold

Atotal;cold

�
1 � ηf ;cold

�
(12)  

where Af is the total fin area. The ratio between total fin area, Af, and the 
total heat transfer area, Atotal, can be estimated as: 

Af;hot ¼ Atotal;hot

�
bhot

bhot þ whot

�

Af;cold ¼ Atotal;cold

�
bcold

bcold þ wcold

�

(13) 

Considering fins, with constant cross-section area and with negligible 
heat transfer in the tip, the efficiency of the fin can be given by [30]: 

ηf ;hot ¼
tanhðmhotbhot=2Þ

mhotbhot=2
ηf ;cold ¼

tanhðmcoldbcold=2Þ
mcoldbcold=2

(14)  

where m is the fin efficiency parameter, expressed as: 

mhot ¼

ffiffiffiffiffiffiffiffiffiffiffiffi
2hhot

kmehot

s

mcold ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffi
2hcold

kmecold

s

(15) 

The terms hhot and hcold are the average heat transfer coefficients and 
they are related to the Nusselt number as, respectively: 

​ hhot ¼
kf ;hotNu ffiffiAp ;hot

ffiffiffi
A
p

hot
hcold ¼

kf ;coldNu ffiffiAp ;cold
ffiffiffi
A
p

cold
(16)  

where Nu ffiffiffi
A
p is the Nusselt number, kf is the fluid thermal conductivity 

and, 
ffiffiffiffi
A
p

is the characteristic length. According to Hesselgreaves et al. 
[3] and Shah and London [31], a uniform heat flux (UHF) boundary 
condition can be used as a good approximation for representing the heat 
transfer in compact heat exchangers. 

The number of heat transfer units, NTU, is defined as: 

NTU¼
UA
Cmin

; ​ Cr ¼
Cmin

Cmax
¼

�
_mcp
�

min�
_mcp
�

max

(17)  

where Cr is the fluid capacity parameter, _m is the mass flow rate and cp is 
the specific heat at constant pressure. Considering no heat losses to the 
surroundings, the heat transfer rate, q, can be calculated as: 

q ¼ _mhotcp;hotðThot;in � Thot;outÞq ¼ _mcoldcp;coldðTcold;out � Tcold;inÞ (18)  

where T is the fluid temperature. The heat exchanger effectiveness is 
expressed as the ratio between the heat transfer rate to the thermody
namically maximum heat transfer rate: 

ε ¼ q
qmax
¼

ChotðThot;in � Thot;outÞ

CminðThot;in � Tcold;inÞ
ε ¼ q

qmax
¼

CcoldðTcold;out � Tcold;inÞ

CminðThot;in � Tcold;inÞ
(19) 

The effectiveness of the heat exchanger can be written as a function 
of the heat transfer units, NTU, the ratio between the smallest and the 
largest capacity rates, Cr and the flow arrangement [3,30]. For a heat 
exchanger with a counter-flow, the effectiveness, ε, can be respectively 
expressed as: 

Fig. 3. Overall thermal resistance network.  Fig. 4. Cross-sectional heat exchanger section with wall and fins.  

UA ¼ R� 1
total ¼

�
Rconvection;hot þ Rconvection;cold þ Rwall þ Rfouling;hot þ Rfouling;cold

�� 1UA ¼ R� 1
total

¼

 
1

ηo;hothhotAtotal;hot
þ

1
ηo;coldhcoldAtotal;cold

þ
a

kmAwall
þ

R}
d;hot

ηo;hotAtotal;hot
þ

R}
d;cold

ηo;coldAtotal;cold

!� 1

(10)   
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ε ¼

8
>>><

>>>:

1 � exp½ � NTUð1 � CrÞ �

1 � Cr exp½ � NTUð1 � CrÞ �
→Cr < 1

NTU
1þ NTU

→Cr ¼ 1
(20) 

The outlet temperatures for both hot and cold streams were esti
mated through an energy balance, Equation (18), and they are expressed 
as: 

Tcold;out ¼ Tcold;in þ
q

_mcoldcp;cold
Thot;out ¼ Thot;in �

q
_mhotcp;hot

(21) 

As presented in Hesselgreaves et al. [3], for the calculation of the 
wall temperatures on a heat exchanger with uniform wall temperature 
the following equations can be used: 

Twall;hot ¼
Thot;in þ Thot;out

2
� q
�
Rconvection;hot þ Rfouling;hot

�
Twall;cold

¼
Tcold;in þ Tcold;out

2
þ q
�
Rconvection;cold þ Rfouling;cold

�
(22) 

In our case, as stated above, a uniform heat flux boundary condition 
is assumed. However, Equation (22) is still valid as the temperature 
gradient between the inlet and outlet side on the water stream, is very 
small. Besides, the wall temperature calculated with Equation (22) is 
used only to estimate the thermal correction factor, and very small in
fluences on the Nusselt number are expected. 

2.2. Nusselt number models 

Equation (16) requires a model for calculating the Nusselt number. 
Several models from literature, valid for the transition region, can be 
selected and used. 

Gnielinski [14,32] proposed the following correlation for calculating 
the Nusselt number in the transition and turbulent regimes, which is 
actually a modification of an equation proposed by Petukhov [33]: 

Nud;T ¼ TC ​
Ktdðf=8ÞðRed � 1000ÞPr

1þ 12:7ðf=8Þ1=2� Pr2=3 � 1
�; ​ →4000 < Red < 1� 106; ​ 0:5

< Pr < 2000f ¼ ½1:82ðlog10RedÞ � 1:64 �� 2Ktd ¼ 1þ
�

d
L

�2=3

; ​ TC

¼

8
>>>>>><

>>>>>>:

�
Pr

Prwall

�2

1
�

T
Twall

�0:45

​

if ​ liquid
if ​ the ​ gas ​ is ​ cooled
if ​ the ​ gas ​ is ​ heated

(23)  

where TC is the thermal correction factor, as proposed by Hufschmidt 
and Burck [34], f is the Darcy friction factor model developed by Filo
nenko [35], Ktd is development correction factor, which accounts for 
fully developed velocity profile, but undeveloped thermal profile at the 
entrance [36], Pr is the Prandtl number and Red is the Reynolds number 
based on the duct diameter. For the transition region, Gnielinski [14] 
proposed the use of a linear interpolation, with the following form: 

Nud ¼ð1 � γÞNudl;2300 þ γNudt;4000 (24)  

where 

γ¼
Red � 2300
4000 � 2300

; ​ 0 � γ � 1 (25) 

The Nusselt number for Red ¼ 2300, is calculated using the well- 
known Gnielinski [32] correlations for the laminar flow, while, for 
Red ¼ 4000, it is determined by Equation (23). 

Taler [37] developed a correlation for the transition and turbulent 
flow regimes in circular pipes, which has a similar form of Gnielinski 
correlation. The main difference is that Taler also considered the 

laminar flow regime, for both uniform heat flux (UHF) and uniform wall 
temperature (UWT) boundary conditions. Taler’s [37] correlations is 
given by: 

Nud;T ¼ Nud;lðRed ¼ 2300Þ þ TC
Ktdðf=8ÞðRed � 2300ÞPr1:008

1:08þ 12:39ðf=8Þ1=2� Pr2=3 � 1
� ; ​ 2300

< Red < 1� 106; ​ 0:1 < Pr < 1000
(26)  

where Nud,l (Red ¼ 2300) is the Nusselt number for the laminar flow at 
Red ¼ 2300 for UHF or UWT boundary conditions and it depends if the 
flow is developed or under development. TC, Ktd, and f are calculated 
using the expressions presented in Equation (23). Taler [37] reviews 
several correlations for calculating the Nusselt number in the laminar 
regime and recommends the use of the Gnielinski [32] correlation for 
the laminar flow. 

Sarmiento et al. [38] proposed a correlation for estimating the 
Nusselt number in the transition region, based on the square root of the 
cross-sectional area, with the form: 

Nu ffiffiAp ¼

2

6
6
4Numcffiffi

A
p

;L þ

 
Ψ

Nu2 ffiffi
A
p

;L

þ
1

Nu2 ffiffi
A
p

;T

!� mc
2

3

7
7
5

1
mc

Ψ

¼ exp

2

6
4 �

�
Re ffiffiAp ;critical � Re ffiffiAp

�2

B2

3

7
5 (27)  

where Nu ffiffiffi
A
p is the Nusselt number, Nu ffiffiffi

A
p

;L is the Nusselt number for low 
(laminar) Reynolds number, Nu ffiffiffi

A
p

;T is the Nusselt number for high 
(turbulent) Reynolds number. Ψ is a damping function, mc is the 
asymptotic constant, Re ffiffiffi

A
p

;critical is the critical Reynolds number, B is a 
constant. The Nusselt number for laminar flow is calculated by 
Muzychka and Yovanovich [39] model and for turbulent flow is calcu
lated by the Gnielinski [14,32] model. For the case of uniform heat flux, 
mc, B, and, Re ffiffiffi

A
p

;critical are equal to 12, 425 and 1700, respectively. 

2.3. Methodology to determine the heat exchanger conductance 

Based on the equations described above one can estimate the thermal 
behavior of a diffusion-bonded compact heat exchanger by means of an 
iterative calculation. The flowchart used in this calculation is presented 
in Fig. 5. The input data are the inlet temperatures, pressures, and flow 
rates, for both fluids. Initially, the value for effectiveness is supposed to 
be 0.5. Using Equation (19), the outlet temperatures are estimated. 
Based on the outlet temperatures, the average temperature of the cell 
(see Fig. 4) can be calculated. With the average temperatures and inlet 
pressures, the fluid properties for both flows can be determined using 
the CoolProp library [40]. Reynolds number, dimensionless thermal and 
hydrodynamical lengths are calculated using these properties. Based on 
these data, the Nusselt number is estimated, using Equations (23), (26) 
and (27) and so, the convection heat transfer coefficients (Equation 
(16)) are determined. Equations (11) and (17) are employed to calculate 
the overall thermal conductance and the NTU parameter, respectively. 
This procedure is repeated until the temperature difference at the outlet, 
between the updated (iteration iþ1) and the previous iteration (iteration 
i) satisfies the following relationship: 

ζ¼
�
�
�
�
Tout;iþ1 � Tout;i

Tout;i

�
�
�
�� 100< 10� 8 (28)  

where ζ is the temperature difference tolerance. 
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3. Experimental setup 

3.1. Compact heat exchanger fabrication 

A compact heat exchanger was fabricated using flat plates, which 
were water-jet machined in a comb shape. These plates are stacked 
alternately with intermediate not machined flat plates. The channels are 
formed by sandwiches between flat intermediate and comb-like 

machined plates. After the stacking process, the core was joined by 
diffusion bonding technique using an appropriate furnace, able to pro
vide a high vacuum (10� 6 Torr), high pressure (up to 2500 kN) and high 
temperature (up to 1400 �C). The yielding core is a monolithic heat 
exchanger block, with a strength similar to the base material. The heat 
exchanger was fabricated from 3 mm thick 316L stainless steel plates 
and 1 mm thick, 316L stainless steel for the intermediate not machined 
flat plates. The cross-sections of the channels of the heat exchanger are 
square, of 3 mm of edge. Each machined plate provides 19 channels and 
9 plates are provided for the cold and 9 for the hot streams. 

As shown in Fig. 1, the heat exchanger works in a counter-flow 
configuration. However, to allow for the installation of the headers, 
the channels of the hot side have a 90-degree bend for both entrance and 
exit regions, leaving a straight center section with a total flow length of 
363 mm. The cold channels were straight with a total flow length of 344 
mm. Other design parameters of the compact heat exchanger are shown 
in Table 1. After the heat exchanger core was fabricated, headers were 
welded to the core, to finish the construction of the compact heat 
exchanger prototype. 

As shown in Table 1, the dimensions of the compact heat exchanger 
are in concordance with previous well succeed compact heat exchangers 
developed by Mortean et al. [5,7,17,18], which were fabricated by 
water-jet cutting technology. 

3.2. Experimental test facility 

Experimental tests were performed to examine the steady-state 
thermal performance of the described compact heat exchanger. Fig. 6 
shows a 3D layout of the experimental facility. The experimental setup 
was composed of a hot and a cold branches and their components, a test 
section, and a control, acquisition, and processing systems. Both 
branches, hot and cold, worked with air and with water. 

Fig. 7 illustrates both the cold and hot branches. Fig. 7a and b show 
the cold branch and the high-power fan. The cold branch was composed 
of a high-power centrifugal fan, stainless steel pipes, the cold flow tubing 
and a Coriolis flowmeter (ELITE CMF200 M) with an accuracy equal to 
0.05% for the tested all the experimental test. 

On the other hand, Fig. 7c shows the hot branch, which is composed 
of an expansion tower, a hydraulic pump, a reservoir, four electric 
heaters (maximum power of 60 kW), rubber hoses, stainless steel pipes, 
a hot flow tubing and, an electromagnetic flowmeter (Rousemout-8732) 
with an accuracy of �0.50% for all the tested conditions. Finally, the set 
up provides a testing section, where the heat exchanger was installed 
and tested. The temperatures of the inlets and outlets of the hot and cold 
streams were monitored by four RTDs (Pt-100 P-M-1/3-1/8-6-1/8-T3 
model) with an accuracy of 0.1 �C and 0.27 �C at 0 �C and 100 �C, 
respectively. The pressure was measured by two pressure transducers 
(OMEGATM PX409 series) with an accuracy of �0.50% in full span. 

Fig. 5. Flowchart for calculating heat exchanger thermal parameters.  

Table 1 
Design parameters of the compact heat exchanger.  

Parameter Hot side Cold side 

Channel pitch (mm), b 3 3 
Channel width (mm), w 3 3 
Intermediate plate thickness (mm), a 1 1 
Fin thickness (mm), e 1.5 1.5 
Hydraulic diameter (mm), dh 3 3 
Square root of the cross-sectional area, diameter (mm), 

ffiffiffiffi
A
p 3 3 

Number of layers, N 9 9 
Number of channels in each plate, n 19 19 
Channel cross-sectional area (mm2), Achannel 9 9 
Total flow length of the plate (mm), L 363 344 
Entrance length (mm), Linlet 23 0 
Exit length (mm), Loutlet 23 0 
Core width (mm), W 88 88 
Core height (mm), H 72 72 
Pure counter flow length (mm), Lcounter-flow 210  

A.P.C. Sarmiento et al.                                                                                                                                                                                                                        



International Journal of Thermal Sciences 153 (2020) 106384

8

Several T-type thermocouples located on the external heat exchanger 
wall with an accuracy of �1 �C. Fig. 8 shows the testing section and 
Table 2 relates positioning and measurement instruments. 

A potentiometer is used to control de centrifugal fan power input and 
so its velocity. A proportional-integral-derivative (PID) controller ad
justs the electrical heater power inputs; a data acquisition equipment 

(National Instrument™ NI cDAQ-9178) acquires the data that is stored 
in a desktop provided with a real-time processing software (NI 
LabVIEW). 

Fig. 6. CAD model of the experimental setup.  

Fig. 7. (a) Cold branch CAD model. (b) High-power fan. (c) Hot branch.  
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3.3. Experimental procedure and test combination 

The compact heat exchanger was tested in several conditions. The 
hot stream was submitted to two temperatures, 70 �C and 80 �C, and two 
mass flow rates, 0.90 kg/s and 1.35 kg/s. For each temperature and mass 
flow rate combination of the hot branch, the centerline flow velocity of 
the cold branch was varied from 3.5 m/s to 12.0 m/s, with increments of 
0.5 m/s. Note that the compact heat exchanger was tested from the 
minimum to maximum fan capacity. Therefore, 72 tests within the 
transition and the turbulent regimes were performed in total. Table 3 
shows all the performed test. Each testing conditions took approxi
mately 45 min to guarantee steady-state conditions, considered ach
ieved when temperature variations on the external walls were less than 
the thermocouple uncertainty. After the steady-state regime was ach
ieved, 300 measurements were taken for all the sensors for each test 
configuration and the steady-state temperature was taken from the 
average of these temperature readings. 

The heat transferred through the heat exchanger are usually deter
mined using two different mathematical methods: the logarithmic mean 
temperature difference (LMTD) and the number of transfer units (NTU). 
Considering that all the inlets and outlets temperatures were experi
mentally obtained, the LMTD is more convenient to be applied in this 
work. The overall thermal conductance of counterflow heat exchangers 
can be calculated as: 

UAexp ¼
qexp

ΔTLM
(29)  

where, 

ΔTLM¼
ΔTA � ΔTB

ln
�

ΔTA
ΔTB

� (30)  

in addition, where ΔTA and ΔTB differences are given by, 

ΔTA¼ Thot;in � Tcold;out (31)  

ΔTB¼ Thot;out � Tcold;in (32)  

the subscripts hot and cold are related to the hot and cold branches, 
respectively. Therefore, the heat rate for each stream, qexp, can be 
determined from: 

qhot;exp ¼ _mhotcp;hotðThot;in � Thot;outÞ ¼ ChotΔThotqcold;exp

¼ _mcold ​ cp;coldðTcold;out � Tcold;inÞ ¼ CcoldΔTcold (33)  

where _mcold and _mhot were experimentally measured by the Coriolis and 
the electromagnetic flowmeter, respectively, the inlet and outlet tem
peratures of the streams were obtained from the RTDs and the specific 
heat capacity, cp, was evaluated at the average temperature for both cold 
and hot branches given by: 

Taverage;cold ¼
Tcold;out þ Tcold;in

2
Taverage;hot ¼

Thot;out þ Thot;in

2
(34) 

An uncertainty analysis was conducted to find the error propagation 
from the measurements according to the method presented in [41]. 
Typical uncertainties for the parameters considered in the results are 
listed in Table 4. Appendix A presents in more detail the procedure for 
estimating the uncertainty parameters of the variables. 

4. Results and discussion 

4.1. Experimental results 

Following the procedure described in the last section, it was possible 
to obtain the experimental heat transfer and the overall thermal 
conductance of the tested heat exchanger. They are shown as a function 
of Reynolds number in Fig. 9a and Fig. 9c. Fig. 9b shows the heat 
transfer rate balance between air and water streams. The legends refer to 
the hot stream and air velocity conditions, for example, 70090035 
stands for water at 70 �C, mass flow rate of 0.90 kg/s and air velocity of 
3.5 m/s. All experimental uncertainties were calculated but the error 
bars were omitted in Fig. 9 to avoid information overload. 

It is important to observe that although the cold stream velocity is 
the only parameter directly varied during each battery of tests, it was 
observed, during the experiments, a linear increase of the inlet tem
perature of the cold fluid stream, from approximatively 25 �C–50 �C. 
This temperature rise can be explained by the heating of the centrifugal 
fan, which caused the inlet air to increase slowly during its operation. As 
a consequence, as observed in Fig. 9a, the heat transfer rate on the cold 
fluid decreased with the increase of the Reynolds number. This behavior 
is observed especially for test a (70090035–70090120) and b 
(70135035–70135120) with Reynolds number larger than 4000. 

As observed in Fig. 9b, the heat transfer rate values calculated in the 
cold stream are large than the heat transfer values in the hot stream. This 
is due to the measurement uncertainty of ΔT, which in the case of the 
water is very small because of its large specific heat. Sometimes the 
measured ΔT was less than the experimental error. Therefore, we 
employed the heat transfer data calculated in the air side only, where the 
temperature gradient (between the inlet and outlet) is much larger than 
the measurement uncertainty. Since all heat is transferred from the 
water to the air, the heat transfer rates should be nearly identical apart 
from the heat losses. According to the technical standards [42], heat 

Fig. 8. (a) Top view. (b) Side view of the testing section.  

Table 2 
Measuring equipment position in the testing section.  

Position Measuring instruments 

1 Cold branch inlet RTD 
2 Cold branch outlet RTD 
3 Hot branch inlet RTD 
4 Hot branch outlet RTD 
5 Cold branch pressure transducer 
6 Hot branch pressure transducer  
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Table 3 
Experimental test performed.  

Test Air centerline 
velocity, m/s 

Cold mass flow 
rate, kg/s 

Hot mass flow 
rate, kg/s 

Hot inlet 
temperature, 
�C 

Cold inlet 
temperature, 
�C 

Hot outlet 
temperature, �C 

Cold outlet 
temperature, �C 

70090035 3.5 0.0272 0.893 69.49 27.65 69.25 64.49 
70090040 4.0 0.0308 0.894 69.69 29.94 69.42 65.13 
70090045 4.5 0.0334 0.895 69.77 30.44 69.48 65.15 
70090050 5.0 0.0366 0.894 69.68 31.16 69.36 64.96 
70090055 5.5 0.0396 0.894 69.72 32.23 69.41 65.03 
70090060 6.0 0.0435 0.89 69.69 29.88 69.32 64.58 
70090065 6.5 0.046 0.899 69.74 33.08 69.38 64.91 
70090070 7.0 0.0489 0.891 69.71 32.55 69.30 64.64 
70090075 7.5 0.0518 0.899 69.82 35.72 69.43 65.07 
70090080 8.0 0.0551 0.893 69.52 31.93 69.07 64.20 
70090085 8.5 0.0574 0.895 69.73 35.99 69.32 64.88 
70090090 9.0 0.0623 0.890 69.43 34.53 68.97 64.27 
70090095 9.5 0.0648 0.898 69.70 35.64 69.24 64.52 
70090100 10.0 0.0672 0.890 69.46 37.85 68.98 64.60 
70090105 10.5 0.0699 0.895 69.99 37.78 69.49 64.87 
70090110 11.0 0.0719 0.889 69.69 40.43 69.22 65.01 
70090115 11.5 0.0749 0.895 69.59 40.30 69.10 64.80 
70090120 12.0 0.0795 0.887 69.68 44.53 69.19 65.40 
70135035 3.5 0.029 1.354 69.56 24.97 69.38 64.51 
70135040 4.0 0.0315 1.360 69.55 25.52 69.35 64.60 
70135045 4.5 0.0345 1.372 69.6 26.41 69.39 64.59 
70135050 5.0 0.0377 1.358 69.42 27.40 69.20 64.38 
70135055 5.5 0.0409 1.372 69.73 28.30 69.50 64.61 
70135060 6.0 0.0433 1.358 69.56 29.81 69.31 64.55 
70135065 6.5 0.0463 1.370 69.47 33.28 69.23 64.82 
70135070 7.0 0.0484 1.356 69.43 36.05 69.19 65.07 
70135075 7.5 0.0518 1.364 69.56 35.80 69.30 65.03 
70135080 8.0 0.0541 1.356 69.35 35.09 69.07 64.70 
70135085 8.5 0.0575 1.357 69.57 35.86 69.29 64.84 
70135090 9.0 0.061 1.358 69.37 36.67 69.06 64.67 
70135095 9.5 0.0633 1.360 69.37 38.19 69.07 64.82 
70135100 10.0 0.0667 1.362 69.46 39.33 69.16 64.97 
70135105 10.5 0.069 1.362 69.57 40.37 69.26 65.14 
70135110 11.0 0.0715 1.362 69.52 41.57 69.21 65.22 
70135115 11.5 0.0739 1.361 69.62 42.61 69.31 65.40 
70135120 12.0 0.0798 1.361 69.61 46.03 69.31 65.78 
80090035 3.5 0.0287 0.9136 79.56 26.49 79.22 73.25 
80090040 4.0 0.0314 0.9187 79.49 27.45 79.15 73.45 
80090045 4.5 0.0347 0.9196 80.02 26.97 79.63 73.63 
80090050 5.0 0.0374 0.9052 79.61 30.19 79.22 73.63 
80090055 5.5 0.0403 0.9047 79.50 31.25 79.09 73.44 
80090060 6.0 0.0433 0.9162 79.35 31.23 78.92 73.19 
80090065 6.5 0.046 0.9129 79.71 32.22 79.23 73.34 
80090070 7.0 0.0481 0.9168 79.59 35.29 79.13 73.62 
80090075 7.5 0.0509 0.9166 79.45 36.25 79.01 73.62 
80090080 8.0 0.054 0.8938 79.38 35.12 78.84 73.15 
80090085 8.5 0.058 0.8844 79.27 36.55 78.70 73.07 
80090090 9.0 0.0617 0.9121 79.75 36.53 79.16 73.31 
80090095 9.5 0.064 0.9029 79.40 37.88 78.83 73.18 
80090100 10.0 0.0666 0.8928 79.53 38.99 78.96 73.36 
80090105 10.5 0.069 0.8856 79.68 39.80 79.05 73.39 
80090110 11.0 0.0718 0.9133 79.58 40.58 78.98 73.40 
80090115 11.5 0.0743 0.9131 79.76 40.91 79.15 73.53 
80090120 12.0 0.0768 0.8891 79.8 42.19 79.15 73.56 
80135035 3.5 0.0286 1.374 79.32 26.61 79.11 73.19 
80135040 4.0 0.0314 1.370 79.41 27.41 79.17 73.52 
80135045 4.5 0.0346 1.377 79.64 27.28 79.38 73.51 
80135050 5.0 0.0374 1.368 79.60 30.11 79.34 73.68 
80135055 5.5 0.0402 1.364 79.42 31.39 79.14 73.54 
80135060 6.0 0.0433 1.378 79.38 31.28 79.07 73.33 
80135065 6.5 0.0459 1.364 79.41 33.34 79.10 73.52 
80135070 7.0 0.0482 1.368 79.43 35.15 79.11 73.66 
80135075 7.5 0.0508 1.369 79.28 36.52 78.96 73.61 
80135080 8.0 0.0541 1.366 79.25 34.46 78.89 73.17 
80135085 8.5 0.0579 1.374 79.27 36.63 78.91 73.32 
80135090 9.0 0.0616 1.380 79.36 36.79 78.98 73.25 
80135095 9.5 0.064 1.367 79.38 37.70 78.99 73.31 
80135100 10.0 0.0665 1.363 79.35 38.97 78.95 73.35 
80135105 10.5 0.0691 1.359 79.31 39.75 78.91 73.36 
80135110 11.0 0.0718 1.377 79.39 40.56 78.98 73.44 
80135115 11.5 0.0743 1.358 79.56 41.09 79.13 73.55 
80135120 12.0 0.0767 1.320 79.43 42.36 79.00 73.54  
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losses or measurement errors cannot be larger than 10%. Also, as 
observed in published papers, when dealing with diffusion-bonded heat 
exchangers, the heat unbalance can be as high as 7% [13,16,28,43] and 
the heat loss ratio can be as high as 19% [44]. 

As shown in Fig. 1, the heat exchanger operates in a counter-flow 
configuration. However, to separate the fluids at the ends of the heat 
exchanger and to install headers, it is necessary to provide a cross-flow 
region. As a result, a composite heat exchanger with a pure counter-flow 
central region, but with cross-flow near the headers is obtained. As 
presented by Kays et al. [45] the performance, based on the total heat 
transfer surface area, would be inferior to that of a simple counter-flow 
arrangement, but superior to a simple cross-flow arrangement. In 
addition, the effect of the cross-flow at the inlet and outlet headers on 
the effectiveness of the heat exchanger decreases for a longer heat 
exchanger length [45,46]. Therefore, it is necessary to establish an 
effective heat exchanger length. Three characteristic lengths can be 
used, namely, the Lhot, Lcold and Lpure counter-flow to calculate the thermal 

performance of the compact heat exchanger. 
Fig. 9d shows the effect of the characteristic length on the calculation 

of the thermal conductance of the heat exchanger. Note that the hot 
stream length, Lhot, was the effective heat transfer lengths, i.e., it was 
discounted the entrance and outlet length on the total hot side length. As 
one can note, the use of Lmed which is an intermediate value between the 
hot Lhot and cold Lcold lengths as input data for the model results in good 
comparison with the experimental conductance, calculated by Equation 
(29). When the pure counter-flow length is used as the effective length, 
the results diverge largely to the experimental data, showing the 
importance of the cross-flow heat transfer at the headers on the per
formance of the heat exchanger. Lmed is used as the effective length in 
the next sections, as heat transfer parameter presents the smallest RSME 
when compared to experimental data. 

4.2. Flow maldistribution numerical analysis 

As described in section 2.1, the fluid is considered uniformly 
distributed among the channels with a uniform velocity profile at the 
inlet channels. However, this hypothesis may not be realistic. To define 
the degree of flow maldistribution, Baek et al. [47] developed a coeffi
cient of variation, CoV parameter, which varies from 0 to very large 
positive values, where zero indicates the ideally distributed flow con
dition. CoV is expressed as: 

Table 4 
Experimental errors.  

Parameter Uncertainties 

Heat transfer rate 8.5–35.5 W 
Inlet/outlet temperature �0.1–0.27 �C 
Overall thermal conductance �5% 
Mass flow rate cold side �0.26–0.5%  

Fig. 9. Experimental results for (a) Heat rate. (b) Heat balance between air and water. (c) Thermal conductance. (d) Characteristic length of the heat exchanger. 
Experimental data from Test 70135035–70135120. 
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CoV¼
strandard deviation

average
¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
PN

i¼1
ð _mi � mÞ2

M

s

m
(35)  

where _mi is the actual mass flow rate for the i channel, m is the average 
mass flow rate and M is the total number of channels. 

Due to the difficulties associated to measuring the mass flow rate for 
each channel and to establish if the hypothesis is valid or not, a full 3D 
numerical simulation was developed. The software ANSYS – CFX v19.2 
was used in this study. Through this simulation it is possible to estimate 
the mass flow rate for all channels and mass flow distribution in each 
channel. Fig. 10 left side shows the numerical domain of the inlet header 
and the boundary conditions. The inlet and outlet headers for cold and 
hot sides are exactly the same, where the dimensions are also presented 
in Fig. 10. Details of this simulation are presented in this section. 

The differential equations of mass conservation and momentum were 
discretized by the finite volume method and solved in an iterative pro
cess [48]. The following hypotheses are adopted: multidimensional and 
incompressible flow, constant physical properties, no internal heat 
generation, no radiation heat transfer, and no buoyancy effects. There
fore, the mass conservation equation is: 

∂ρ
∂t
þ

∂
∂xj

�
ρuj
�
¼ 0 (36)  

while the momentum conservation equation is written as: 

∂ρ
∂t
þ

∂
∂xj

�
ρujui

�
¼ ​ � ∂p

∂xi
þ

∂
∂xj

�

μ ∂ui

∂xj

�

þ F (37)  

where xj are cartesian components (x, y, z), uj are velocity components 

(u, v, w) and F are volume field forces. For the turbulent regime, the 
standard k - εf turbulence model, which belongs to the Reynolds Average 
Navier-Stokes Equations (RANS) class, was used. This is a semi- 
empirical model, based on the diffusion gradient hypothesis that is 
used to relate the Reynolds tensor with the average velocity gradient and 
the turbulent viscosity. Turbulence kinetic energy k is related to the 
variations of velocities and εf is the fluctuation dissipation rate of k. For 
k, the following expression is valid: 

∂
∂t
ðρkÞþ

∂
∂xj

�
ρujk

�
¼

∂
∂xj

��

μþ μt

σk

�
∂k
∂xj

�

þPk � ρεf þ Pkb (38)  

while for ε: 

∂
∂t
�
ρεf
�
þ

∂
∂xj

�
ρujεf

�
¼

∂
∂xj

��

μþ μt

σε

�
∂εf

∂xj

�

þ
εf

k
�
C1εPk � C2ερεf þC1εPεb

�

(39)  

where turbulent viscosity term is defined as μt ¼ ρCμ k2/εf and C1εf ¼

1.44, C2 εf ¼ 1.92, Cμ ¼ 0.09 and σεf ¼ 1.3 are takes as constants. Pkb and 
Pb represent the buoyancy forces influence and Pk is turbulence pro
duction, due to viscous forces [49]. For wall treatment, a scalable wall 
function was used. 

To solve the differential equations, the next assumptions were made: 
constant mass flow rate at the inlet of the header with uniform velocity 
profile, no heat transfer across the walls (adiabatic condition) and no- 
slip condition on the header and channel walls. The CFD boundary 
conditions used in the simulation are presented in Fig. 10. The conver
gence criteria in the order of 10� 7 were established for the mean square 
(RMS) error, for the discretized forms of Equations (36)–(39). 

To establish the influence of mesh size on the results of the simula
tion, three numerical simulations were developed. Hexahedral meshes 

Fig. 10. 3D model of the header. Only the fluid domain is shown. All dimensions are in millimeters.  
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were used with an orthogonal quality near to one. Mesh dependency 
analysis was performed based on the maximum mass flow rate at the 
inlet header. The number of elements considered varied from 1.5 � 106 

to 4.5 � 106 for the first and third simulations, respectively. It was 
observed that the mass flow distribution obtained using 2.5 � 106 and 
4.5 � 106 elements is almost the same, with a maximum difference of 
approximately 3%, considering all channels. Therefore, a mesh with 2.5 
� 106 elements was chosen. After the mesh dependence analysis, the 
data for mass flow rate for each channel was obtained and, using 
Equation (35), the coefficient of variation was calculated. 

Fig. 11 shows the numerical results for the mass flow rate distribu
tion of both cold and hot fluid in the inlet headers. Note that the mass 
flow rate (see bars in Fig. 11) was non-dimensionalized by the maximum 
mass flow rate. Note that a there is a recirculation flow in the header, 
and it is account for by the conservation equations. However, once the 
fluid enters the heat exchanger, there is no mixture between channels. 
Therefore a value of _mi= _mi;max ¼ 1 is observed at channel number 10 and 
layer number 5. The simulated cold and hot headers have a CoV of 
around 0.10 and 0.12, respectively, which means that an almost ho
mogeneous mass flow rate distribution was predicted. 

As shown by Baek et al. [47], the thermal performance of compact 
heat exchangers is almost not affected by the maldistribution mass flow 
on the channels, if CoV and the axial parameter conduction are less than 
0.15 and 0.001, respectively, for the laminar regime. Note that the 
thermal performance degradation is intensified when the heat 
exchanger has more channels, the inlet header presents large aspect 
ratio (the diameter of the inlet tube is small when compared with the 
height and/or width of the header) and, the effect of the axial 

conduction is large. As observed by Baek et al. [47] for the same inlet 
temperature, the outlet temperature of a heat exchanger can be esti
mated by the weighted average of temperature and mass flow rates of 
each channel. For the case of heat exchangers with high CoV, the fluid 
outlet temperature is mostly dominated by the channels with larger 
mass flow rates. However, for heat exchangers with a homogeneous 
mass flow distribution (low CoV value), the fluid outlet temperature is 
determined by channels with an average mass flow rate. 

Fig. 12 presents mass flow rate distribution zones where one can 
identify three regions defined according to the value of _mi= _mi;max. For 
the zone near the fluid inlet jet influence (region A), an almost homo
geneous mass flow rate distribution can be observed, with low CoV 
values ( _mi= _mi;max ffi 1). In the region B, a slight reduction in the mass 
flow rate can be observed. This phenomenon is due to recirculation ef
fects and the value of _mi= _mi;max is between approximately 0.85 and 0.95. 
The region far from the inlet jet influence (region C) experiments a 
reduction of mass flow rate due to the larger distance from inlet jet 
( _mi= _mi;max ffi 0:75). The values of _mi= _mi;max for the zones B and C can 
vary depending on the relation between the jet diameter and the aspect 
relation of the header, as stated above. The vertical flow distribution, 
line B, shows fairly ideal distribution, however, the horizontal distri
bution (line A) shows a center-weighted distribution. 

4.3. Comparison between the proposed model and heat exchanger 
experimental data 

Based on the set of equations and procedures described in section 2, a 
theoretical model was used to predict the thermal performance of the 
compact heat exchanger. This model was implemented in the software 
MATLAB®. The heat transfer coefficient obtained from literature ex
pressions for the Nusselt number (Gnielinksi [14,32], Taler [37] and 
Sarmiento et al. [38]) were used for the estimative of the convection 
heat transfer coefficient in the thermal model. The resulted curves are 
compared with experimental data in this section. Note that all the 
Nusselt models have been converted to the same characteristic length 
scale, 

ffiffiffiffi
A
p

, as proposed by Sarmiento et al. [38]. 
Fig. 13 shows the thermal conductance as a function of Reynolds 

number for all the experimental data obtained from the experimental 
setup. Fig. 13a presents the results for UA for the set of tests 
70090035–70090120. Note that, as presented in Table 3, there is a little 
variation on the mass flow rate for the hot stream, which no represent 
expressive variations on Reynolds number. Therefore, Re ffiffiffi

A
p

;hot can be 
considered almost constant in the hot stream, while the mass flow in the 
cold stream varies from the lowest 70090035 to the highest 70090120 
values. Also, the three theoretical curves, based on literature correla
tions (Gnielinksi [14,32], Taler [37] and Sarmiento et al. [38]), are 

Fig. 11. Mass flow distribution for both cold and hot inlet headers.  

Fig. 12. Mass flow distribution zones at cold inlet header.  
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compared with data. 
Fig. 13b, c and d show similar plots to the one presented in Fig. 13a. 

In the case of Fig. 13b, the hot stream mass flow rate was kept constant 
at the highest value, while the mass flow in the cold stream varies from 
the lowest 70135035 to the highest 70135120 values. For the case of 
Fig. 13c and d, the inlet temperature of the hot stream was kept nearby 
80 �C. 

In general, Fig. 13a, b, c, and d, show that the theoretical models and 
experimental data present the same trends for the overall thermal 
resistance. The model proposed by Sarmiento et al. [38] presents the 
best comparison with data in all plots (RMSE ¼ 2%). In all cases, these 
model curves are located within the data error bars. Besides, Gnielisnki 
and Taler models show a very close estimative when compared with all 
the experimental data with RMSE equal to 2.7% and 4%, respectively. 
Note that for the data, which Reynolds number in the cold stream ranges 
between 2600 and 4200, the Taler model compares with the data within 
2% and 4%, respectively. This difference goes up for high Reynolds 
numbers, reaching a maximum of 7%. On the other hand, the Sarmiento 
et al. [38] model shows similar behavior to the Gnielinski model, for 
Reynolds numbers greater than ~3500. This behavior can be explained 
because Sarmiento et al. [38] used the Gnielinski model for turbulent 
flow in their correlation. For Reynolds number less than 3500 the linear 
interpolation proposed by Gnielinski shows a good agreement with the 
experimental data, but, as shown by Sarmiento et al. [38], for transition 
regimes, the linear interpolation is less accurate. 

Fig. 14 shows a comparison between the theoretical predictions of 

Fig. 13. Comparison between experimental values of UA with the predicted ones using the correlations of Gnielinksi [14,32], Taler [37] and Sarmiento et al. [38].  

Fig. 14. Comparison between the theoretical and experimental data.  
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the thermal conductance calculated with Equation (11) and experi
mental data. The full line shows the perfect comparison, while the 
dashed lines define the 10% variation region around the perfect com
parison line. 

It is possible to observe that the model tends to underpredict the data 
slightly for low Reynolds numbers (small overall thermal conductance). 
For high Reynolds numbers, the experimental results were very close to 
the ideal line, showing that the model proposed by Sarmiento et al. [38] 
agrees very well with the experimental data. 

In general, Figs. 13 and 14 show that the theoretical models and 
experimental data present the same trends for the thermal conductance 
curves. The present theoretical model, in which the heat transfer coef
ficient is predicted by Sarmiento et al. [38] expressions, shows the best 
comparison with data in all plots within the data error bars. 

5. Conclusions 

The focus of this paper was to study, theoretically and experimen
tally, a compact heat exchanger fabricated using diffusion bonding 
process. Based on geometrical parameters of a heat exchanger core and 
on fundamental heat transfer equations, an analytical model to estimate 
the thermal behavior was proposed. Different Nusselt numbers corre
lations taken from literature, for predicting the internal convection heat 
transfer within a compact heat exchanger, were selected as input 
expression for the thermal behavior model, which was applied to the 
analyzed equipment. The proposed model was implemented in com
mercial software. 

A compact heat exchanger prototype, joined by diffusion bonding 
technique, was manufactured using water–jet cutting tools to produce 
the square cross-section mini-channels. The channels were formed by 
stacking flat and comb-like machined layers. The prototype was tested in 
different temperatures and mass flow rates levels, employing water and 
air as working fluids for hot and cold streams, respectively. The test 
consisted of keeping the average inlet temperature of the hot stream in 

two levels at approximately 70 �C and 80 �C with mass flow rates equal 
to 0.90 kg/s and 1.35 kg/s, meanwhile for each hot stream temperature 
and mass flow rate combinations, the flow velocity of the cold branch 
varied from 3.5 m/s to 12.0 m/s using increments of 0.5 m/s. Therefore, 
72 tests were performed. 

The experimental data were compared with the proposed theoretical 
model. It was observed that all the theoretical model curves compare 
well with the thermal conductance data, following the same behavior 
trend of the data points, and so, these models can be used to predict the 
thermal behavior of the compact heat exchanger in the transition 
regime. Also, note that the comparison between the experimental and 
theoretical heat transfer rates showed an excellent agreement with an 
RSME less than 2%. Among the employed Nusselt number correlations 
for convection heat transfer in minichannels, the correlation of Taler 
[24] presented the major difference between the theoretical and 
experimental results (RSME ¼ 4%). The correlation presented by Gnie
linski [8] presented an almost constant difference between the theo
retical and experimental results (RSME ¼ 2.7%). On the other hand, the 
correlation proposed by Sarmiento et al. [38] presented the lower dif
ference when compared to the experimental data (RSME ¼ 2%). The 
results of numerical simulations of the headers show a small value 
(around 0.1 and 0.12) for the coefficient of variation, CoV, which means 
an almost uniform mass flow distribution among the channels. 
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Appendix A Uncertainity analysis 

Appendix A Uncertainity analysis 

The heat transfer for both hot and cold streams was computed by: 

q¼ _mcpðTout � TinÞ¼ _mcpΔT (40)  

where _m, cp and ΔT represent the mass flow rate, specific heat at constant pressure and the temperature difference between inlet and outlet, 
respectively. Considering that cp is a well-known value u(cp) ¼ 0, the standard uncertainty for q is given by: 

uðqÞ¼
��

∂q
∂ _m

uð _mÞ
�2

þ

�
∂q

∂ΔT
uðΔTÞ

�2�1=2

(41)  

where u(⋅) represents the standard uncertainty. The effective number of degrees of freedom for q, νef;q, is computed by: 
�

uðqÞ
q

�4

νef;q
¼

h
uð _mÞ

_m

i4

ν _m
þ

�
uðΔTÞ

ΔT

�4

νΔT
(42)  

where ν represents the number of degrees of freedom. Here, νΔT can be considered as infinity. The expanded uncertainty for the heat transfer rate, U 
(q), can be written as: 

UðqÞ¼ t⋅uðqÞ (43)  

where t is determined by νef,q for a confidence interval of 95%. The heat transfer rate measurement is then given by: 

q¼ q� UðqÞ (44)  
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where q stand for the average heat transfer rate. 
The thermal conductance can be calculated as shown in Equation (29): 

UA¼
q

ΔTLM
(45) 

Following a similar procedure described above, the uncertainty relative to the thermal conductance is given by: 

uðUAÞ ¼

"�
∂UA
∂q

uðqÞ
�2

þ

�
∂UA

∂ΔTLM
uðΔTLMÞ

�2
#1=2

uðUAÞ ¼

"�
1

ΔTLM
uðqÞ

�2

þ

�

�
q

ΔT2
LM

uðΔTLMÞ

�2
#1=2

(46) 

The term u(q) is estimated by Equation (41). The term relative to the logarithmic mean temperature difference, u(ΔTLM), is calculated as follows: 

uðΔTLMÞ ¼

"�
∂ΔTLM

∂ΔTA
uðΔTAÞ

�2

þ

�
∂ΔTLM

∂ΔTB
uðΔTBÞ

�2
#1=2

∂ΔTLM

∂ΔTA
¼

ΔTA ln
�

ΔTA
ΔTB

�

� ΔTA þ ΔTB

ΔTAln 2

�
ΔTA
ΔTB

�
∂ΔTLM

∂ΔTB
¼

� ΔTB ln
�

ΔTA
ΔTB

�

þ ΔTA � ΔTB

ΔTBln 2

�
ΔTA
ΔTB

� (47)  

where u(⋅) represents the standard uncertainty. The effective number of degrees of freedom for UA, νef,UA, is computed by: 
�

uðUAÞ
UA

�4

νef;UA
¼

�
uðqÞ

q

�4

νq
þ

�
uðΔTLMÞ

ΔTLM

�4

νΔTLM

(48)  

where ν represents the number of degrees of freedom. The expanded uncertainty for the heat transfer rate, U(UA), can be written as: 

UðUAÞ¼ t⋅uðUAÞ (49)  

where t is determined by νef,UA for a confidence interval of 95%. The heat transfer rate measurement is then given by: 

UA¼UA� UðUAÞ (50)  

where UA stand for the average overall thermal conductance. 

Appendix B. Supplementary data 

Supplementary data to this article can be found online at https://doi.org/10.1016/j.ijthermalsci.2020.106384. 
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